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Abstract
Engine performance simulation or development, parameterization and testing of
model-based air path control strategies require adequate performance maps characterizing the working behavior of turbochargers. The performance maps typically base
on measurements on standardized test rigs of turbocharger manufacturers, which are
carried out for steady-state case under almost optimal in- and outflow conditions and
regardless of existing heat transfer effects. The latter manipulates the measured efficiency which is referred to as apparent efficiency in this paper. Actually the efficiency
is the main physical parameter in model-based controls, so that apparent efficiencies
imply significant uncertainties in the ECU calibration and considerably slow down the
processes.
An alternative approach is the use of physical models for turbochargers to allow a
founded prediction of efficiency, pressure ratio as well as pressure losses of an arbitrary turbocharger with known geometry. The model is conceived to use smallest
possible number of geometry as well as material parameters. Thus, conventional expensive and time-consuming application processes can be countered and test rig as
well as in vehicle measurements can be reduced. Furthermore, it is possible to estimate the impact of geometry variation of applied turbocharger modules on their performance (parameter study motivated by technical demand or space limitation). Or
the entire working area of the turbocharger which is relevant for the engine can be
reliably displayed. On the basis of such a model, the periodic admission of turbochargers can be described in average of time provided that an appropriate averaging
technique is available.
The focus of this paper is to give a review of uncertainties which cause mismatching
in calibration processes of turbocharged engines. It is shown how modeling can provide a deeper insight in physical connections and even support finding individual solutions. The conclusion is that physical modeling contributes to a more sustainable
understanding of systems which leads to faster application processes in many calibration tasks.

1.

Physical Modeling – vATL

In this section the physical modeling approach is addressed which is the basis of the
investigations and results in this work. The modeling ansatz has already been introduced in [1] and [2] for turbochargers to identify the steady-state performance with
regard to pressure ratio, pressure losses as well as isentropic efficiency. The zerodimensional approach needs a small number of geometry parameters and material
parameters. Simplicity is a demand regarding computation costs. For simulation the
geometry, the thermodynamic state of the inlet air and the turbocharger speed are
assumed to be known. In general, the geometry is not available, but can be provided
e.g. using stereoscopic surveying methods (see also [2]). The model bases on
steady-state balance equations while different loss mechanisms are devised using
analytical and semi-empirical loss correlations. Furthermore, a heat model from the
literature of turbomachinery is applied in order to allow for heat transfer effects.
The model can be applied to different automotive turbochargers without any individual adaptation of loss correlations which is a requirement placed on the model. From
the point of view of validation, in [1] and [2] simulation results are compared with
measured manufacturer maps. The validation procedure with manufacturer maps is
relevant regarding ECU calibration which is generally carried out on the basis of
manufacturer maps.
The results of total pressure ratio exhibit large consensus with the reference data.
The simulated isentropic efficiency shows also good agreement, however, a lower
level of confidence is achieved, especially at low speed. This refers to the simple loss
models like incidence on the one hand and the insufficient heat model on the other
hand. The latter carries much greater weight as we will see later.

Figure 1: Total pressure ratio and isentropic efficiency versus reduced volume flow at
different speed; manufacturer map (continuous) and simulation (symbols)
Actually, the question is if it is appropriate to artificially devaluate the simulated isentropic efficiency by means of a heat model. In [3] we have shown that the isentropic
efficiency deteriorates with increasing turbine inlet temperature while the pressure
ratio does not change. Considering the deterioration of efficiency due to heat being
an artifact, the adiabatic efficiency should be indicated as the real efficiency of the
compressor. Thus, the measured efficiency is an apparent efficiency due to incorrect
balancing of energy and work transfer. This issue revalues the simulation results of

the compressor model at low speed. The compressor model originally determines the
adiabatic efficiency which is corrected for a non-adiabatic process using a heat model
in order to achieve comparability with manufacturer maps. As a consequence, manufacturer efficiency maps should not be used as reference data for ECU calibration at
low speed. This hypothesis has been substantiated with adequate experimental data
in [3].

2.

Validation on Engine Test Rig

In vehicle or even at the engine test rig, the turbocharger operates under substantially different conditions in comparison with the turbocharger test rig of the manufacturer. First of all, there is no optimal in- and outflow due to construction and space limitation. Second, lower level of heat transfer prevails due to engine cooling and ventilation (wind). Third, under engine conditions the turbocharger operation is transient due
to periodic valve operating mechanism of the engine which results in periodic admission of the turbine in the exhaust path as well as periodic suction in the intake path.
For validation under real-world conditions a two-stage turbocharger with nozzleless
turbines is applied on an engine test rig (according to standard EN ISO 10628). To
the transient test rig steady-state measurements are performed at constant engine
load points. The compressor mass flow rate is measured in the intake path. The turbine mass flow rate results from addition with fuel mass flow rate. Static pressure and
total temperature are recorded at the inlet and outlet of each component. Further, the
rotational speed of each turbocharger is captured. Thus, compressor and turbine
working behavior can be determined at constant engine load points. Two-stage turbocharging exhibits three modes; two modes in which only one stage works while
towing the other stage (single-stage mode) and a two-stage mode in which both
stages work. All three modes are separately analyzed. Some relevant results are
shown in the following plots.

Figure 2: Total pressure ratio (left) and isentropic efficiency (right) versus reduced
volume flow at different speed of low pressure compressor; manufacturer map (continuous) and measurements on engine test rig (dots and symbols)

Figure 3: Reduced mass flow (left) and combined turbine efficiency (right) versus Expansion ratio at different speed of low pressure turbine; manufacturer map compared
to measurements on engine test rig
The total pressure ratio in Fig.2 shows fairly good agreement between steady-state
measurement and manufacturer map. Points of equal reduced speed in the range of
±1% are additionally marked with symbols. The measured efficiency exhibits as well
good consensus with the manufacturer map at high speed while at lower speeds the
measured efficiency attains higher values. The reason is the growing heat transfer
effect with decreasing speed. Due to different load points and resulting range of exhaust gas temperatures (which go even below 200°C) the level of heat flow at the
engine test rig differs from the heat flows on the manufacturer test stand (constant
600°C or 800°C). Thus, at engine operation the measured efficiency generally better
approaches the isentropic efficiency. However, at very low load points heat effects
are again quite significant. The conclusion so far is that the compressor efficiency is
considerably underestimated at low speed if the manufacturer map is taken into account. This issue is discussed in detail in the next section.
Figure 3 displays the results for the turbine. Again the pressure ratio map agrees very
well with the manufacturer map. It is remarkable that both the steady-state measurement results on the engine test rig as well as the quantities in average of time resulting from transient measurement on the engine test rig meet the steady-state characteristic of the manufacturer (Also here we identify points of equal reduced speed, see
Appendix A.1). It should be noted that only the static pressure is measured highlytime resolved while the total pressure results from the time-averaged static pressure
and steady-state measured temperature and flow rate. Furthermore, the measured
combined efficiency exceeds the manufacturer map in the entire operation range.
Beyond measuring uncertainties there are two reasons for this observation. At high
speed, this is due to heat transfer from turbine to environment and peripheral components. At low speed the measured combined efficiency additionally contains compressor heat transfer effects. Considering the definition of combined turbine efficiency, which involves measured compressor work input, the apparently higher measured
compressor work input (lower compressor efficiency) artificially enhances the combined efficiency. Real turbine combined efficiency could attain even lower values
than the manufacturer values at low speed due to deterioration of mechanical efficiency. The heat flow effects are discussed in the next section in more detail.

From Figs. 2 and 3, we conclude that the pressure ratio of the compressor and the
turbine can be reliably predicted on the basis of manufacturer maps (single-stage
mode). Further, the manufacturer efficiency maps are falsified due to heat flows and
do not reflect the real performance of the turbocharger components. The general
message here is that the procedure of steady-state measurement very well reflects
the periodic operation at constant load points of the engine in average of time. The
steady-state measuring apparatus with the pressure hoses implies implicit averaging
of the pulses and gives the time averaged pressure. Therefore, calibration of the air
path on the basis of steady-state information is reasonable under assumption of quasi-steady operation. We see a larger share of heat flow effects in mismatching and
the uncertainties in the calibration process. In case of two-stage turbocharging further
difficulties arise from violation of thermodynamic similarity which is discussed later.

3.

Uncertainties

There are uncertainties in engine calibration using manufacturer performance maps.
The emerged problems and aspects are discussed in the following providing solutions on a very physical basis. However, the effects of non-optimal in- and outflow are
assumed to be negligible compared to the other effects and hence not taken into
consideration. Otherwise we would at least expect deterioration of pressure ratio
compared to the performance maps.
3.1

Heat Transfer

Turbochargers are generally measured under non-adiabatic conditions on hot gas
test stands. However, the efficiency definitions do not allow for heat flow phenomena
with regard to the control volume of the test stand (see Fig.4). This leads to inappropriate computation of efficiency for both compressor and turbine which we refer to as
apparent efficiency (see also [3]). Manufacturers’ performance maps generally reflect
pessimistic valuation of efficiency. The definition of the apparent efficiency is the ratio
of isentropic total enthalpy difference [hts] to measured total enthalpy difference [ht]:

[hts ]
,
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where the positive exponent +1 holds for the compressor and the negative exponent
-1 for the turbine.
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Figure 4: Control volume of manufacturers’ test stands and turbine, compressor control volume

Due to the temperature difference between turbine and environment as well as between turbine and compressor and resulting heat flows, the turbocharger operation
cannot be characterized as adiabatic. The measured total enthalpy differences include heat flows which constitute uncertainties and distort the performance maps:

app   , for Q  0,
app   , for Q  0.

(2)

Therefore, it is needed to analyze compressor and turbine within distinct control volumes as sketched in Fig.4. Hence, in [3] we deal with procedures to reversely approach the performance maps of compressor and turbine according to the compressor and turbine control volume out of manufacturers’ maps generated based on the
control volume of the test stand. In case of compressor we presented a scaling
method with regard to the Mach number which is on a very physical basis and at the
same time easy to use. The scaling method considers the efficiency map plotted versus outlet flow coefficient in which the peak efficiency ηopt increases with decreasing
speed while the shift occurs linearly (see Fig.5 and the guideline in [3]).
Non-adiabatic measurement results in apparent turbine efficiency. Therefore, heat
flow considerations need to be applied to the turbine as well with regard to the control
volume in Fig.4. Different engine load points generate different exhaust gas temperatures and pressures. The temperature of exhaust gas corresponds to its working capacity. The turbine gives off heat into the environment and bearing housing decreasing the working capacity of the exhaust gas (exergy) which has consequences for the
work output of the turbine and its efficiency. The total temperature of the inflow drops
prior to expansion at the rotor. Hence, the specific turbine work out of Euler turbomachinery equation corresponds to a lower level of total enthalpy difference. This
results in a general advance of turbine real efficiency compared to the apparent efficiency due to heat loss (see Fig.6).

Figure 5: Real compressor efficiency; corrected measured maps at different turbine
inlet temperatures from [3]

Figure 6: Turbine combined efficiency versus inlet flow coefficient based on measurements; original test data (circle), correction regarding compressor real efficiency
(cross) and regarding both compressor real efficiency and turbine heat loss (triangle)
from [3]
Further work is in progress to develop a similar scaling method for the turbine. Actually the turbine efficiency is generally given as the combined turbine and mechanical
efficiency by the manufacturer. As a result, scaling of turbine efficiency exhibits a dual nature; the change of mechanical efficiency due to heat transfer needs to be taken
into account besides the isentropic turbine efficiency. On the one hand, the heat flow
through bearing housing cannot be prevented and it is a technical challenge to at
least diminish the heat effects significantly. Scaling of mechanical losses on the basis
of Reynolds number would fulfill the demand considering that heat transfer changes
the viscosity of oil and the dimensionless friction factor. On the other hand, turbine
isentropic efficiency is subject to scaling with regard to Mach number (similar to compressor).
3.2

Periodic Admission of Turbocharger

As shown in Figs. 2 and 3, steady-state performance maps can fairly display turbocharger performance at periodic flow. However, we expect that there is an impact of
pulsating flow in a certain working range. In [4] an axiomatic connection between
quasi-steady and periodic operation is introduced which implies higher available energy from the engine exhaust due to the pulse peaks. An averaging technique is presented and applied to the energy conservation equation and Euler turbomachinery
equation. The analysis contributes to fundamental modification of the Euler turbomachinery equation (see [4] and Fig.7). On the one hand, the approach can be
used on the basis of steady-state maps in order to generate modified turbine maps
corresponding to different levels of unsteadiness. Different levels of unsteadiness
should individually be abstracted from engine application. On the other hand, the approach can be applied to 0D/1D quasi-steady turbine models allowing for periodic
flow.

Figure 7: Theoretical pressure coefficient versus flow coefficient according to [4] for
periodic flow

Figure 8: Pressure coefficient versus flow coefficient for steady-state flow based on
measurements on manufacturer test rig
Figure 7 shows the variation of the theoretical pressure coefficient with the periodicity
according to [4]. It is assumed that the periodicity is fully damped through the rotor
passage. The continuous line refers to the Euler term equivalent to the steady-state
case. It can be recorded that the impact of the dimensionless periodic part of the flow
(hat marked) rises with decreasing averaged flow quotient (bar marked). The pressure coefficient tends to infinity when the amplitude of the dimensionless periodic part
of mass flow significantly exceeds the flow coefficient in average of time. The general
message is that periodic admission leads to enhancement of work output. It should
be regarded that we obtain Fig.7 based on the assumption that the amplitude of the
inlet periodicity remains constant for the entire operating range while the time aver-

aged mass flow increases when the engine flow rate is elevated. The amplitude of
periodicity is extracted from transient measurements. As the elevation of mass flow is
achieved by increasing the engine speed and the excitation frequency, respectively,
we can conclude from Fig.7 that the effect of convection is significant at very low flow
coefficient, i.e. at low frequency. This agrees with the measurements of the last section, Fig.3, where we see marginal difference between unsteady measurement and
steady-state manufacturer map in the measured operating range. According to Fig.8
and Fig.7 comparing the order of magnitude of the values, the pressure coefficient
(ψ>1.75) and flow coefficient (φ>0.125) of the measured operating range (steady-state
measurement) are high enough so that the effect of periodic convection remains
marginal. In Fig.8 we record lower flow coefficients primarily at higher turbine speed
where we also have higher engine frequency. Naturally, the higher the frequency the
better steady-state and transient conditions match together. Lower flow coefficients
could also be achieved at very low speed and turbine inlet temperature. Actually, in
Fig.8 turbine speed lines are limited by compressor surge and chocking. Hence,
compressor surge could prevent lower turbine flow coefficients, especially since
compressor and turbine mass flow rates are coupled at engine operation.
In case, the effect of periodicity will be more evident at very low engine load points,
then the approach displayed in Fig.7 needs to be taken into consideration. Respective validation based on measurements should still prove the reliability of the proposed approach. For this, further analysis is necessary since the energy conservation
in average of time in [4] is considered from rotor inlet to rotor exit, rather than turbine
inlet to turbine exit. This is a reasonable approach under the assumption of quasisteady rotor operation. Thus, Energy dissipation through the rotor passage under
periodic admission can be modeled equivalent to the steady-state case. However,
the conditions in the volute should additionally be modeled in a 1D approach which
can imply modified pulses at rotor inlet compared to turbine inlet. It is also appropriate to characterize the incidence angle which applies in average of time.
In [4] it is also discussed how the efficiency could look like for periodic flow since the
efficiency is the main physical parameter for model-based controls. Many works introduce instantaneous efficiency as a function of time using instantaneous isentropic
work output. Suresh et al. [7] introduce a definition that involves averages of total
pressure applied to numerical analysis. However, there is currently no clear and accepted definition of unsteady turbine efficiency as it has been concluded in [8]. However, a model that can provide mass flow rate and power output for unsteady engine
operation will satisfy all demands for engine simulation. The proposed approach in [4]
can contribute to establishing such a physically based model. A new concept of apparent efficiency is proposed to define a mapping between steady-state and unsteady performance in average of time, which is not a measure of dissipation in the
conventional sense.
3.3

Violation of Thermodynamic Similarity

Furthermore, it is crucial to regard the second stage in the two-stage turbocharging.
The high pressure compressor operation is very dependent on the compression work
of the upstream low pressure compressor. At very low speed of low pressure compressor (first stage) the performance of the high pressure compressor can be described on the basis of the manufacturer map (as discussed above taking into ac-

count the heat flow effects). However, with increasing speed of the low pressure
compressor and corresponding higher compression work, further difficulties arise
from violation of thermodynamic similarity for the high pressure stage.
Figure 9 shows a constant compressor speed line (u=310 m/s) measured on the engine test rig. Further, the exhaust gas temperature is kept constant (at 300°C) which
could be accomplished by post injection and angle variation. We obtain from Fig.9
that the measured pressure ratio is significantly lower than the manufacturer values.
The same is valid for the efficiency. Actually, the compressor speed of 310 m/s corresponds to a reduced speed of around 290 m/s due to higher inlet temperature resulting from pre-compression in the low pressure stage. The question is if the manufacturer values can be achieved at the same reduced speed. This issue is analyzed
using vATL which can reliably predict the manufacturer map at any demanded speed
(see also Appendix A.2). The reduced speed of 290 m/s is simulated both under environment conditions (equivalent to manufacturer map) and under engine conditions.
The latter considers the pre-compressed air i.e. the measured outlet pressure and
temperature of the low pressure stage. The results are displayed in Fig.10.

Figure 9: Total pressure ratio (left) and isentropic efficiency (right) versus reduced
volume flow at the same real speed of high pressure compressor; effect of precompression in the two-stage mode

Figure 10: Simulation results to Fig.9; total pressure ratio (left) and isentropic efficiency (right) versus reduced volume flow at the same reduced speed of high pressure compressor

It can be seen that there is still considerable discrepancy between measured pressure ratio and simulation values without pre-compression (corresponding to the conditions of manufacturer map). However, accounting for pre-compression the simulation results very well follow the tendency of the measured speed line and the discrepancy significantly shrinks. Actually, in case of two-stage turbocharging further
difficulties arise from violation of thermodynamic similarity. This refers to the fact that
the Mach number progress in the second stage (after the pre-compression through
the first stage) is not equivalent to the default progress displayed in the manufacturer
performance maps. Taking the enthalpy-entropy diagram into consideration the reason is that the isobars are not parallel lines but inclined against each other.
Therefore, the information provided in the ECU needs to be enhanced in order to
avoid uncertainties and improve calibration quality. The additional information can be
a stack of maps corresponding to different levels of pre-compression. This is a reasonable approach as discrete levels of pre-compression can be extracted from
measurements or overall engine simulation. Alternatively, it is also possible to generate a correlation map which provides a correlation factor for different levels of precompression. Both approaches require appropriate prediction of performance of turbocharger components on a physical basis which can be delivered by vATL.

4.

Conclusion

Turbocharger performance maps provided by the manufacturer are the basis for development, parameterization and calibration of model-based control strategies and
matching in the air path of turbocharged engines. In doing so, there is considerable
mismatching and consequently long term calibration process. The reason is the difference between the two physical situations: The performance maps typically base
on measurements on standardized test rigs of turbocharger manufacturers which feature steady-state non-adiabatic operation with optimal in- and outflow. However, the
identification of the performance maps occurs under assumption of adiabatic operation. On the contrary, the engine application is characterized by transient nonadiabatic operation. Further, the source of heat flow, i.e. the exhaust gas temperature
is not constant which induces different levels of heat flow. Heat flows manipulate the
measured specific work and consequently the efficiency which is referred to as apparent efficiency in this paper. Actually the efficiency is the main physical parameter
in model-based controls, so that apparent efficiencies imply significant uncertainties
in the ECU calibration and considerably slow down the processes.
In this paper it has been shown that the use of physical models, which allow a founded prediction of efficiency, pressure ratio as well as pressure losses of turbochargers,
can reduce uncertainties. Physical models contribute to deeper understanding and
give founded insight in the physical connections in contrast to models which use extrapolation methods on the basis of manufacturer maps. Only a model on the basis of
axiomatic connections can reproduce the effect of pre-compression addressed in this
paper and provide the necessary information to account for it. For the measured operating range of the turbocharged engine it has been shown that steady-state information reliably depict the quasi-steady performance (transient operation at constant
load points). At very low load points the effect of periodic convection carries greater
weight and needs to be considered. For this, an axiomatic approach has been proposed.

The experimental heat analysis addressed here and introduced in [4] was a consequence of simulation results performed by vATL. The message is that measurement
results need to be critically analyzed on a very physical basis. Thus, we call manufacturer maps into question and propose scaling of efficiency based on dimensional
analysis in order to reflect the physical reality more appropriately.
Parameter studies motivated by technical demand or space limitation in engine bay
can be performed in order to estimate the impact of geometry variation of turbochargers on their performance. Extended working area of turbochargers can be reliably displayed without using extrapolation methods.
Hence, physical modeling leads to improved understanding of the overall system and
consequently to enhancement of model-based controls and engine calibration processes.

4.

Appendix

A.1
The following plot shows the results of Fig.3 with the points of equal reduced speed
additionally emphasized. This demonstrates that the steady-state performance fairly
agrees with the transient performance in average of time (quasi-steady) with respect
to the measured performance range which is limited by the compressor working
range.

Figure A1: Reduced mass flow versus expansion ratio at different speed of low pressure turbine; manufacturer map compared to measurements on engine test rig

A.2
The following plot exhibits the simulation results of high pressure compressor using
vATL and should emphasize the reliability of the model, especially at low speed.

Figure A2: Total pressure ratio versus reduced volume flow at different circumferential speed; manufacturer map (continuous) and simulation results (symbols) for the
high pressure compressor
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